Available online at www.sciencedirect.com

SCIENCE DIRECT® JOURNAL OF

@ SOUND AND

ACADEMIC VIBRATION
PRESS Journal of Sound and Vibration 271 (2004) 725-756

www.elsevier.com/locate/jsvi

Vibration of rotating disk/spindle systems with flexible
housing/stator assemblies

Jr-Yi Shen?, Chaw-Wu Tseng®, I.Y. Shen®*

* Hitachi Global Storage Technologies, San Jose, CA 94065, USA
® Western Digital Corporation, San Jose, CA 95138, USA
¢ Department of Mechanical Engineering, University of Washington, Box 352600, Seattle, WA 98195-2600, USA

Received 4 March 2002; accepted 4 April 2003

Abstract

The subject of study in this paper is a rotating spindle carrying multiple flexible disks mounted on a
flexible housing/stator assembly through ball bearings or hydrodynamic bearings. The disk/spindle system
is subjected to prescribed force excitations, and the housing/stator assembly is subjected to prescribed linear
and angular base excitations. This paper has two specific goals. The first goal is to derive linearized
equations of motion governing free and forced vibration of the spindle/housing system using a Lagrangian
formulation. The second goal is to verify the mathematical model through calibrated experiments.
Theoretical predictions of natural frequencies agree well with experimental measurements within 5% of
difference for spindle motors using ball bearings. Numerical simulations on spindle motors with
hydrodynamic bearings indicate that base flexibility could lead to significant spindle vibration.
© 2003 Elsevier Ltd. All rights reserved.

1. Introduction

For the past decade, the data storage industry has continued to enhance the capacity and
performance of computer hard disk drives (HDD) by increasing the track density and spin speed.
As an example, next-generation disk drives will adopt DC spindle motors with spin speeds of
20,000 r.p.m. to reduce data access time. In addition, magnetic disks will have a track density
around 100,000 tracks per radial inch to enhance storage capacity and to reduce material costs.
The high spin speed implies substantial excitations from the surrounding air, bearing defects, and
motor electromagnetic forces. The high track density implies that tiny spindle vibration could
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cause significant read/write errors. For example, allowable radial vibration amplitude for disk
drives with 100,000 tracks per inch density will be around 25 nm. To qualify for commercial use,
these advanced disk drives will need to meet extremely tight shock and vibration specifications.
Preliminary experimental results and numerical simulations have indicated that flexibility of
HDD’s stationary components, such as housings and stators, will significantly affect the natural
frequencies and increase the amplitude of disk drive spindles. Therefore, improper design of these
stationary components could degrade performance of future advanced disk drives resulting in
disqualification.

For the past 10 years, vibration research on disk drive spindle systems primarily assumes that
the stationary part is rigid. For example, Shen and Ku [1] developed a mathematical model to
study free vibration of a rotating hub that is supported by ball bearings and carries multiple
flexible disks. They also verified the predictions through calibrated experiments. Later, Shen [2]
augmented the model in Ref. [1] to predict forced vibration of the rotating disk/spindle system.
Lee [3.4] and his fellow researchers applied assumed mode methods to study vibration response of
rotors carrying multiple flexible disks. Parker and Sathe [5-7] analyzed vibration of a flexible
spindle carrying flexible disks using extended operators. Jia [8] used the method of substructure
synthesis to consider vibration of multi-span Timosheno shafts carrying multiple disks. Lim [9]
developed a finite element method to predict response of rotating disk/spindle systems.
Deeyiengyang and Ono [10] and Yang et al. [11] studied the response of a rotating disk/spindle
system excited by ball bearing defects. Deeyiengyang and Ono [12] also developed a squeeze-film
damper to suppress vibration of disk/spindle systems. Jintanawan et al. [13—15] studied vibration
of rotating disk/spindle systems with hydrodynamic bearings. In all these studies, the housing is
always assumed rigid and the effects of housing/stator flexibility are neglected. As a result, the
HDD industry resorts to trial-and-error approach, which is very expensive and time-consuming
given short design cycles of the industry.

In contrast, the steam and gas turbine industry recognized the importance of housing flexibility
as early as 1975 [16]. As rotary machines become faster and lighter, the housing flexibility can
affect rotor performance considerably. For the past 25 years, housing flexibility has been modeled
through use of lumped spring—mass systems [16—19] or finite element methods [20]. Also, housing
flexibility has been extracted experimentally [21-23]. Unfortunately, these research results cannot
be applied directly to HDD design, because the results are for turbines with slender rotors and
heavy disks. In HDD applications, the aspect ratio is just the opposite; the spindle is very short
and the disks are very flexible. Therefore, HDD spindles present totally different dynamic
characteristics.

To study the effects of housing/stator flexibility on rotating disk/spindle systems, there are three
major challenges to overcome. First, the housing is not axisymmetric. Existing HDD disk/spindle
models all assume axisymmetry [1-15]. Moreover, existing studies on asymmetry are limited to
stationary disk/spindle systems [24-27]. Effects of asymmetry on rotating disk/spindle systems
remain open. The second challenge is mode coupling. The presence of the flexible housing will
couple spindle modes with deformation of the housing/stator assembly. This is a phenomenon
that existing models [1-15] cannot predict. The third challenge is the complexity of housing
geometry and dynamics. The housing/stator assembly cannot be modelled as a simple structural
element, such as a beam or plate. Integration of finite element formulations with existing models
of rotating disk/spindle systems is necessary.
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Motivated by the industrial needs and the academic challenges, this paper is to develop a
mathematical model predicting free and forced vibration of rotating disk/spindle systems
mounted onto flexible housing/stator assembly. The mathematical model developed in this paper
will be valid for spindles shown in Figs. 1 and 2, which are known as fixed-shaft design. The
design has three main components: rotating part, stationary part, and bearings. The rotating part
consists of a hub and multiple disks. The hub is relatively massive and can be assumed to be rigid.
In contrast, the disks are thin and flexible. The stationary part is assembly of a shaft (stator) and
housing. The stationary shaft can be cantilevered (i.e., without top attachment in Fig. 1) or fixed
at both ends (i.e., with top attachment in Fig. 2). The bearings can be ball bearings or
hydrodynamic bearings. Finally, the spindle is subjected to external force and base excitations.
The force excitations can be prescribed concentrated or distributed loads applied to either the
rotating part or the stationary part. The base excitations can be prescribed rigid-body translation
and rotation applied to the stationary part.

In this paper, vibration of the housing/stator is modelled through normal vibration modes.
Vibration of the rotating disks and spindle is formulated in terms of axial and rocking motion of
the spindle as well as vibration modes of each disk. The bearings are modelled through 5 x 5
stiffness and damping matrices. Application of Lagrange equations leads to the equations of
motion. To verify the mathematical model, the authors measured natural frequencies of a ball-
bearing spindle with four different housing configurations. The authors also numerically simulate

Thrust Bearing

Clamp

Spacer

Sleeve EVRadial Bearings
Motor ——. Disk

=== =

Base Plate
Shaft

Fig. 1. Fixed-shaft design without top attachment.
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Fig. 2. Fixed-shaft design with top attachment.
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frequency response functions of spindle motors with hydrodynamic bearings mounted on three
different housing configurations.

2. Formulation of the stationary part

The stationary part is modelled as an elastic structure with arbitrary shapes. In addition, the
stationary part is mounted onto a rigid shaker table, which provides linear and angular base
excitations. Let O be a convenient reference point on the stationary part. With O being the origin,
one can define an inertia frame XYZ with XY plane being parallel to the shaker table initially. In
addition, the XYZ frame has unit vectors I, J, and K.

The stationary part is first subjected to a rigid-body base excitation in the form of
prescribed three-dimensional infinitesimal rotations y,, 7,, and y. as shown in Fig. 3. After
the rigid-body rotations, the stationary part rotates to a new set of co-ordinates XYZ with
unit vectors I, J, and K. For convenience, the co-ordinates X¥Z will be termed shaker frame
in this paper. For infinitesimal rotation, the co-ordinate systems XYZ and XY¥Z are related
through

i 1 Yz _’))y I
J|l=|—. 1 9 J . (1)
K 7y —Vx 1 K

Moreover, the angular velocity and acceleration of the shaker frame are
270+, + 7K 2)
and

(i)f(f,ZAQﬂ)'xi + Vyj + VZK (3)

vy
P\ SO Ve  No——>

/
x” ¥ e

Fig. 3. Prescribed rotational base excitation (yy,7,,7.) and linear base excitation s(?).
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In addition to the angular base excitation, the stationary part is also subjected to a linear base
excitation s(7) defined as

(1) = sx (DI + 5,()T + s:(HK. 4)

As a result of the linear base excitation, the origin O moves to O as shown in Fig. 3.

Now consider an arbitrary point P on the stationary part. The motion of point P consists of
two parts. One is the rigid-body motion consistent with the base excitations. The other is an elastic
deformation superimposed on the rigid-body motion. When the base excitation is absent, the
location of P is defined through the position vector

r=rd+rJdJ+rK (5)
With the angular base excitations, the rigid-body rotation causes point P to move to its new
position t defined as

r= rxi + ryj + rZK. (6)
Therefore, the rigid-body displacement for point P is

Rp =s(1) + (f—1), (7
which consists of infinitesimal translation and rotation.

Let W(k, ¢) be the elastic deformation of the stationary part at point P. The elastic deformation
W(t, t) can be approximated in terms of 7, vibration modes of the stationary part as

W(, 1) = Z Wi (£)qn(2). (®)
n=1
where
W,(§) = W1 + W,,(®)J + WK )

is the nth vibration mode shape of the stationary part and ¢,(¢) is the corresponding generalized
co-ordinate. In addition, the mode shapes satisfy the orthonormality condition

/ W) - W,®) dit = by (10)
and
/ VoI Wonl®), Wa@®] AV = 02, 61, (11)

where d,,, is the Kronecker delta, wy, is the natural frequency of the nth vibration mode of the
stationary part, and V}[-] is the potential energy operator for the stationary part.
With the rigid-body motion Rp and elastic deformation W(t, ¢), the displacement of P is

Rp=s(t) + (F — 1)+ W, 0). (12)

As a result, the velocity of point P is

p np

Rp=$+ 055, xF+ Y WaBau) + Y [045 X Wa®)ga(0), (13)
n=1 n=1
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where Eq. (8) has been used. If higher order terms are neglected, the kinetic energy of the
stationary part becomes

TBZE/(S-S)dm—l—;/(meZA X f-) (@455 X F)dm
+ % / [Z Wn(f’)iln] : E Wn(f)c']n] dm
n=1 n=1
+ S - XYZ r d + S - b W}'Z I 'n d
/S (@3, x T)dm /S LZ] (r)QI m

np
+ /((’))%?Z X TF)- [Z Wn(f)qn] dm. (14)
n=1
Let us define
Ja = /fdm, Jan = /Wn(f')dm, I = /f x W, (t) dm. (15-17)

Rearranging Eq. (14) results in

1 %) %) ) 1 1 & )
TB :EmB(Sx+Sy+SZ)+§(D)h}Z'IB'(D)A()>2+§nZ]: q,

np np
+ Z (S : Jan)é]n + Z (('\)f(flj : an)q.n +S- Opps X Ji1, (18)
n=1 n=1

where Ip is the mass moment of inertia tensor of the stationary part relative to the origin O.
Finally, the potential energy of the stationary part is

1 p

1 2 2
V=3 / VW, W]dV = ; o (). (19)

3. Formulation of the rotating part

The rotating part consists of a rigid hub carrying N flexible disks. Consider the ith disk, where i
can range from 1 to N. The ith disk has density p;, Young’s modulus E;, the Poisson ratio v;,
thickness /;, and flexural rigidity D;. In addition, the disk/spindle assembly spins about its
centerline with constant angular velocity ws;. According to Ref. [1], the motion of the rotating part
can be described in terms of rigid-body translation (Ry, Ry, R.) and rocking of the spindle (0, 0,)
as well as vibration modes of each disk ¢ . They are summarized as follows.

To describe the spindle motion, let G be the centroid of the rotating part. Let us also define G’
as a point on the shaker frame whose position vector is

s/ " ,\ A
r¢ = 0G =t 1+ ZyJ + t.K. (20)

When the system is subjected to no external excitations and no motion, note that the shaker frame
and the inertia frame coincide and so do G and G'. When the external excitations are present, the
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centroid G undergoes an absolute rigid-body displacement Rg. In the meantime, G’ on the shaker
frame experiences a rigid-body motion according to Eq. (7) as

RG’ = (Sx + tzyy - tyyz)l + (Sy + nyz - lzyx)J + (Sz + lyyx - ZXVy)K- (21)

Therefore, one can describe the spindle translation R(z) in terms of relative rigid-body
displacement of G to G’ (see Fig. 4) defined as

R(f) = R()I + R()J + R.(DK = Rg — R (22)

The biggest advantage of using R(¢) defined in Eq. (22) is the simplicity of resulting equations of
motion, which will be demonstrated later.

To describe spindle rocking, the centerline of the rotating spindle defines the z-axis of a rocking
co-ordinate system xyz with unit vectors i, j, and k. In the rocking co-ordinates xyz, the x and y
axes are defined through Euler angles 0, and 0, as shown in Fig. 5. For infinitesimal rocking,

i 10 —0,]/1
il=l0 1 o0, J | (23)
k 0, —0, 1 K

Note that each disk will spin relative to the rocking co-ordinates xyz with angular velocity wsk.
Let w; be the deflection of the ith disk; therefore

w; = wi(r, B, k. (24)
Moreover, the deflection w; can be discretized through an eigenfunction expansion,
wir, B =3 > Wan(r, Bl (0), (25)

m=0 n=—o0

L S
\

Fig. 4. Translation and rocking of the rotating part.
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Fig. 5. Euler angles defining the rocking co-ordinates.
where q(i) (?) are the generalized co-ordinates and wm ), (r, B) are the mode shapes of the ith disk with

m nodal circles and n nodal diameters. Furthermore the mode shape w) (r, ) can be expressed
explicitly as

R i @
under the following orthonormality conditions
/ W Wl dm; = I{25,,p0, 27)
and
Vil wiod = L1000 Ompng, (28)

where Il(i) is the diametrical mass moment of inertia of the ith disk, V;[-] is the strain energy
operator of the ith elastic disk, and »”) are the natural frequency associated with the mode
shape w® .

In terms of these generalized co-ordinates Ry, R, R., 0y, 0,, and g\ . Shen and Ku [1] derived

mn?

the kinetic energy of the rotating disk pack up to a quadratic form as

Tr =5 [(Ry + 85 + 17 = 07+ Ry + 8y + 1) — 53)

o . _ 1. . . 1. .
+ (R + 8-+ 1) — txyy)z] + 511 (Oi cos’ 0, + 0§) + 513((03 + 0, sin 0},)2

+3 Z 133 @+ nond) )

m=0 n=—o0



J.-Y. Shen et al. | Journal of Sound and Vibration 271 (2004) 725-756 733
. N ) 0
+ Oy cos 0, Z ]l(l) [Z (1)(‘]51[1) 1 2w3qml ]
Z (l)(q(Z) + 2a)3q’(111)ﬁl)

i=1 m=0
NI
m=0

+[(Ry + §y + 1)y — ty)-)sin 0, — (R + Sy + ty, — t.7,)sin 0, cos 0,

+ (R. + 82 + 1) — £y)y)cos Oy cos 0,] Z I(’) [Z ) ,%] , (29)

where I} and I3 are transverse and polar mass moments of inertia tensor of the rotating
disk/spindle system with respect to the center of mass of the system. Moreover,

i 'hi i
aff) = TBrk / RO () dr, (30)
I]l) a;
. 21o.h;
b :—”Ifi;h’ / RO (r)rdr. (31)
1 4i

Finally, the potential energy of the disk pack can be discretized in terms of the generalized
co-ordinates as [1]

> [wddn T (32)

4. Bearing deformation

The purpose of this section is to derive bearing deformations in terms of the generalized
co-ordinates associated with the rotating and stationary parts. Let 4 and 4’ be two mating
surfaces of a bearing (e.g., inner race and outer race) as shown in Fig. 6(a) and (b). Note that
surface 4 is on the rotating part and surface A’ is on the stationary part. When the spindle
vibrates, the two bearing surfaces move relative to each other. In addition, the relative motion
could be linear or angular.

To determine the bearing deformation, let us define the location and orientation of the bearing
surfaces first. When the spindle is at rest and the bearing A4 is undeformed, let the position of 4 be

04 = pxl+pyd + pK, (33)

where py, p,, and p. are the Cartesian co-ordinates of bearing 4 with respect to the origin O; see
Fig. 7. Also, the relative position of 4 to G can be defined as

GA = 11+ 1,J + LK. (34)

Note that the centroid location OG has been deﬁned in Eq. (20), because G and G’ coincide in this
case, and so do X¥Z and XYZ. Since oG + GA = OA

ti+li=p;, i=x,z (35)



734 J.-Y. Shen et al. | Journal of Sound and Vibration 271 (2004) 725-756
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Flexible Stator
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Fig. 6. Mating surfaces 4 and A’ of a bearing; (a) surface 4 is on the rotating part, and (b) surface A’ is on the
non-rotating part.

Fig. 7. Position of 4 and G when the spindle is at rest and bearing is undeformed fixed-shaft design with top
attachment.

When the spindle vibrates, the shaker frame X YZ attached to the stationary part undergoes an
infinitesimal rotation from shaker excitation,

gy d+9,d+9.K, (36)
and the rocking co-ordinate xyz on the rotating part undergoes an infinitesimal rotation

0~0.0+0,J. (37)
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Moreover, the elastic deformation of the stationary part will induce an infinitesimal rigid-body
rotation

n . 1 = R
o= o+ OCyJ + o K = E V X ; Wn(rA)q;u (38)

where I is the position vector of 4 in the shaker frame. Or more explicitly,

np np
x 2 Z [a WZ"[ _ %] R ,\ l’l — Z OCXI’qu’l’ (39)

0 W\n 0 Wzn >
y 22{ - ax ]A . dn = Z O‘yn‘]n’ (40)
Ir=ry n=1

a n xn =
. 22 - ] 0= vt @)

To determine the linear bearing deformation, let r, and r4 be the position vector of 4 and A4,
respectively. Then ry — r4 defines the linear bearing deformation. Note that

ry = (t I+ ,J + t.K) + R + (Li + [)j + Lk). (42)
Use of Egs. (1) and (23) transforms r, to shaker co-ordinates XYZ as
ra=Ro+ @ d+pd+pK) - x I+ I+ K +O -9 x LI+ 1LI+ LK), (43)
where Eq. (35) has been used. Similarly,
ny
re =s+ @d+pJ +pK) + > WEDga(0). (44)

n=1

Based on Egs. (43) and (44), the linear bearing deformation is

rg—1g=A14+ 4+ 4K, (45)
where
ny
Ac=Re+ L0, — Ly, + 1y, = > WaE)qn, (46)
n=1
np
Ay =Ry~ L0, — Ly, + Ly, =Y Wik (47)
and
ny
Az = R: - ery + lyex + ley - lﬂx - Z Wzn(fA)Qn (48)
n=1

Note that Eq. (22) has been used to derive Egs. (46)—(48).
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The relative angular displacements of A relative 4’ about X and Y axes are simply
Cx="0c— 7 — o (49)
and
& =0y =7, — 0. (50)

5. Vector notation

To keep track of the lengthy derivation, it is beneficial to adopt the following vector notations.
Define the vector of generalized coordinates as

q=[d",q,99;.90_1-95]"- (51)
In Eq. (51),
d=[R,R),R.,0,0)]" (52)
is the vector describing the translation and rocking of the rotating disk pack,
oo = [960s 960> -+ o0 1" (53)
defines the generalized co-ordinates of (0,0) disk mode for each disk. Moreover,
Qo = [0y ay - a0 1" (54)
and
Qo1 =195 1. a5 1 - ay " (55)

define the generalized co-ordinates of (0, 1) disk modes, respectively. Finally,

45 =[91.92, s qn,]" (56)

defines the generalized co-ordinates of the stationary part. Aside from generalized co-ordinates,
let us define the vector of shaker excitations as

s = [Sx, 85 82,72 V)0 yZ]T. (57)

With the vector notation, the linear and angular bearing deformations from Egs. (46) to (50)
can be rewritten as

Ap =40, 4y, 42,6, 8] = Byg + hyf, (58)
where
1 0 0 0 L 0 0 0 —W,]
010 —L 0 000 —-W,
B,=(0 01 4 1L, 00 0 —-W, |, (59)
000 1 0 000 —o
000 0 1 000 —a




J.-Y. Shen et al. | Journal of Sound and Vibration 271 (2004) 725-756

000 0 0 —L I ]
0 0 0 L 0 -
h,=|0 0 0 —4, L 0 |,
0O 00 -1 0 0
000 0 -1 0|
with
Wx = [I/Vxl(fA); Wx2(f‘A), cees Wv;z;,(f‘A)],
Wy = [Wyl(fA)s Wy2(fA)a LERE] Wynb(f/l)]a
W. = [W.a(E0), Wata), ..., Wan, (E2)],
oy = [O(xla Olx2, ---,axn1,]
and

oy = [0ty1, 02, ey Oy ]
Also, the following matrices and vectors turn out to be useful in later derivation

(2)) (N)) 1

@go = diag[(@f)) (@5 ..., (@

oo = diagl(@p))’, (@), ... (@g)]
0p = diag[wil, wiz, ...,w,%nb],
I, = diag[/", 1%, ..., 1™,
a) = [a(()l),agz), ...,af)N)]T
and

1 2
by = (63", 65, ..., 551"

6. Generalized forces

737

(60)

(61)
(62)
(63)

(64)

(65)

(66)

(67)

(68)

(69)

(70)

(71)

Generalized forces of the rotating disk/spindle systems consist of generalized bearing forces,
generalized forces from the rotating part, generalized forces from the stationary part, and

generalized damping forces. They are described individually as follows.
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6.1. Generalized bearing forces

For each bearing, the bearing forces consist of three force components and two moment
components. Moreover, the bearing forces are linear combination of spring and damping forces
described by

Fy = [Fxp, Fypy Fopy, M, Myp]" = —KpAj — CyAy, (72)

where K is the 5 x 5 stiffness matrix and Cp is the 5 x 5 damping matrix.
The virtual work done by the bearing forces is

Wy =) FioA, = —0q"Qj, (73)

where the summation sums over all the bearings and Q,, is the generalized bearing force vector.
Substitution of Egs. (58) and (72) into Eq. (73) yields

Q, = Kpq + Hpf; + Cpq + Gpq;, (74)

where

Kz=> B/K;B,, Hz=)» B/K;h,, Cz=> BiC;B,, Gz=)> BiCh,.  (75-78)

6.2. Generalized forces from rotating part

Let us consider a concentrated load fz in the form of
fR :foI +fRyJ +fRZK~ (79)

The load f is fixed in space and acts on a point R on the ith disk. To determine the generalized
forces associated with fg, one needs to determine the displacement u, of point R first. According
to Fig. 4

ug = Rg + (04 + 0,§) x GR + wilro, B, Dk, (80)
where GR is the position vector from G to R defined as
GR = xoi + yoj + zok 81)

and (ro, ) are the polar co-ordinates of R relative to its disk center C;. With the assumption of
infinitesimal motion, substitution of Egs. (22) and (25) into Eq. (80) results in

up =(sx + Ry + 12, — 7. + 200)L + (s + Ry + ). — £27, — z90x)J

o0 0
+ <SZ + R: + tyyy — Ly, — Xoby + yolx + Z Z w (1o, ﬁ@q%(l)) K, (82)

m=0 n=—o0
or in a matrix form,

0 0

Ur = BRq + DRfS + Z Z Wi;?n(r()a ﬁ(})qﬁ;lq)n(t)Ka (ma n) #(Oa 0)9 (Oa + 1), (83)

m=0 n=-—ow
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where
1 0 0 O Z0 0 0 0 0
Br=10 1 0 —z 0 0 0 0 0],
0 0 1 yo —xo woo Wor Wo_1 0
100 0 & -t
D=0 1 0 -z te |,
001 t, —t, 0
with
woo =[0 - 0,wih(ro, fo),0 - 0](1 vy
wor = [0 -+ 0,wl)(r0. B0 o Ol
wo 1 =[0 o 0wl (r0, Bk 0 Olmy.

Note that wgg, woi, and wy_; have zero entries except the ith column.
To obtain the generalized forces, let us consider the virtual work done by Fy as

OWg = Surfr~0q " BLrfr + Sq W} fz-,
where
ap = [90(0). 430, - g5 (0. 45D, ..]"
and

Wi = [0, Bo)s Wia(ro, Bo)s s W5 (o, Bo)s wi_5(ro, o) -1

6.3. Generalized forces from stationary part

Let us consider a concentrated load fp in the form of
fp = fod + /5, + f5K.

739

(84)

(85)

(86)

(87)

(88)

(89)

(90)

o1

(92)

The force fp is fixed in the shaker frame and acts on a point B on the stationary part. In addition,

the position of point B is described by
Ip = _O_B) = Xli +ylj + Zlﬁ.
According to Egs. (1), (8), and (12), the displacement ug of B is

(93)

p
up = (sx + 217y, — Y17+ (s + x17. — 219 ) + (52 + yiye — x17,)K + Z W, (t5)gn.  (94)

n=1

Note that small y,, 7,, and 7. have been assumed to achieve Eq. (94). Moreover, up can be

rearranged in a matrix form
up = Bpq + Dpf,

95)
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where
0000 O 0 0 0 Wp
Bp=|0 0 0 00 0 0 0 Wg|, (96)
0000 0 0 0 0 Wg
1 0 0 O b4 I
D=0 1 0 —z O x|, 97)
0 0 1 Vi —X1 0
with
Wi = [Wi(tp), Wia(Ep), ..., Wi, (Ep)], (98)
Wy, = [W)1(E8), W)a(Ep), ..., Wy, (Ep)], 99)
Wi, = [W.(Ep), Waltp), ..., W, (tp)]. (100)
Therefore, the virtual work done is
SWp = dugfp~3q By, (101)

where the assumption of small y,, y,, and y. is used again.
6.4. Generalized damping forces

The generalized damping forces of the rotating and non-rotating parts can be determined by
Rayleigh dissipation function defined as [3]

%—lzNjc/ dW,'
24\ de

where ¢; is the damping coefficient of the ith disk, ¢, is the damping of the non-rotating part, and
dw;/dt is the material derivative given by

2
) dA,-+%/W-WdV, (102)
V

B (103)
With discretizations (8) and (25) and normalizations (10) and (27),
%:lz Cill(i) [i i G0 1 nawsg® Y —i—& i ey (104)
2= pihi |52 = e 205 £ "

The generalized damping forces for the disk are

oA al C,‘[(i) = - (i i
Y A D2 D G resd) ) (105)

im1 Pili | ;=0 n=—o0
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and the generalized damping forces for the non-rotating part are

OR Cp i
——=——)_ (106)
0 P =

Therefore, virtual work done by the generalized damping forces is

Wy = —0q"[Cpu§ + Dyql, (107)
where
Cm = dlag[O, Cm22, Cm33a Cm44, Cm55]a (108)
with
J e ™
Cio = Cp33 = Cu4 = diag a ,Cz L ---,CN L_| (109)
pihi paha pPnhy
C,s55 = diag [@, @ ﬁ] (110)
Py Pp Pp
and
[0 0 0 0 0]
0 0 0 0 0
D, = 00 0 D34 0 5 (111)
0 0 —D,s4 0 0
10 0 0 0 0|
with
(1) (2) (N)
. 01[1 Cz[l CN[1
D,;34 = diag | w3 ——, 112
34 gl w3 U 3}02}12 3PNhN (112)

7. Equations of motion

With the kinetic energy, potential energy and generalized forces of the system, one can derive
the equations of motion through use of Lagrangian equations. In general, there are two sets of
equations of motion. They are described in detail as follows.

The first set of equation couples the rigid-body spindle motion, disk (0,1) modes, disk (0,0)
modes, and vibration modes of the stationary part.

M{ +[G + Cp + Cy]q + [K + K + D, ]q = Bpfr + Byf s — Hf, — Gpf, — Hpf,.  (113)
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In Eq. (113), M is the mass matrix defined as

My Mp My;
M, I 0
M = | M3, 0 I,
My, 0 0
0 0 0

where I is the inertia matrix defined in (69), L, is nj X n; identity matrix,

M,, = diag[M, M, M, 1I,,1}],

My = MY, = [0 1), Oy, Libo, Oy 1), Oy 1],

M3 = M5 = [0y 1), Oy, O 1y, 01y, — a0, 1,

My = M|, = [0vx1), O 1) O 1y T1a0, Oy ).

Note that ag and by used in Egs. (116)—(118) are defined in Egs. (70) and (71).

In Eq. (113), G is a gyroscopic matrix

(G, 0
0 0
G=|Gs 0
Gy 0
0 0
with
G = Lo

S O O O O

-Gi3

0
0

—2(1)311

S O O O O

S O O O O

-Gy

0

2(1)311

0
0

S O O O

-1

-_ o O O

0

S oo oo

G31 = G5 = [0vx1), 0w 1) Oy 1y, 2031120, Oy 1)),

Gy = G|, = [0vx1), O v 1), O 1y O 1, 200311 2]

(114)

(115)

(116)

(117)

(118)

(119)

(120)

(121)
(122)

In addition, the damping matrices Cp and C,, are defined in Eqgs. (77) and (108), respectively.
In Eq. (113), the K is the stiffness matrix from the rotating and non-rotating parts, defined as

K = diag[0, I; 00, I 091 — 0311, [i0g; — w31}, @p].

In addition, Kz and D,,, are defined in Eqgs. (75) and (111), respectively.

(123)
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Finally, the excitation matrix H in Eq. (113) is defined as

Hy, H»
H;, H»,
H=1 0 o | (124)
0 0
J, J.T.+J,
with
(M 0 0]
0O M O
Hy=|0 0 M|, (125)
O 0 O
(0 0 0]
[0 . —t]
—1, 1y
Ho=M|t, —t. 0 |, (126)
0 0 0
0 0 0
Hy; = [0vx1), Ovx1), Itbol,  Hao = [#,11bo, —2,X1bo, Oy 1)), (127,128)
0 . =1
T, = | -1 o | (129)
ty —te 0

Moreover, the excitation matrices Bg, Bg, G, and Hp are defined in Egs. (84), (96), (78), and (76),
respectively.

The second set of equations governs the motion of disk modes with two or more nodal
diameters. For the concentrated load applied to the ith disk in the form of Eq. (79), the governing
equations are

()

. ¢l
I{])q(l)_i_ h q(’)+2nw31(]) (/) .+ {[w£7{,3]2_n2w§}q%3+n j;z qgn]) .
=" ngm(ro,ﬂo)fw j=12..,N, m=0,1,2,..., n= 42,43, ..., (130)

where 6;; is the Kronecker delta.
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8. Free and forced response

For free vibration, Eq. (113) can be rearranged as a first order system,
M0 q —-€ —A||q
= e (131)
0 I||q I 0 q

M=M, 4=G+Cs+Cpn, #=K+Kz+D,,. (132—134)

where

Natural frequencies, mode shapes, and damping ratios of the system can be obtained by solving
the eigenvalue problem of Eq. (131).
For forced vibration, the transfer functions (7F{-}) of the system can be obtained as

TF{fi} = [Ms* + s+ 4T '[BL], (135)
R
TF{fi} = [Ms* + s+ #T'[BL], (136)
B
TF{.f.ﬂ} — 52U + G5+ 4T '[Hs® + Ggs + Hp|. (137)

When the system is asymptotically stable, frequency response function (FRF) exist and can be
obtained by substituting s = jo in Egs. (135)—(137).

9. Qualitative predictions

When the disks are all identical, it is possible to obtain some qualitative results without
explicitly solving Egs. (113) and (130). To do so, it is necessary to review vibration modes of
rotating disk/spindle systems with a rigid base [1].

Basically, the vibration modes are classified into three groups. The first group of modes involves
(0,1) disk modes. In this group, rigid-body radial translation and rocking of the spindle are
coupled with one-nodal-diameter modes of each disk. When all the disks (say N disks) are
identical, the coupled disk/spindle vibration splits into N — 1 groups of “‘balanced modes” and a
group of “‘unbalanced modes.” For (0,1) unbalanced modes, all the disks vibrate with one nodal
diameter in the same phase. As a result of the disk deformation, the inertia force from the left half
of the disks is entirely equal and opposite to that from the right half of the disks. These two inertia
forces create an unbalanced moment about the centroid. Because the disk/spindle assembly is
spinning with an angular momentum about the z-axis, the presence of the unbalanced moment
causes the spindle to undergo a steady precession about the Z-axis. For (0,1) balanced modes, two
adjacent disks vibrate entirely out of phase, while other disks experience no deformation. Because
the out-of-phase vibration does not change the angular momentum, the spindle does not undergo
steady precession. As a result, the natural frequencies of the balanced modes are identical to those
of the one-nodal-diameter modes of each disk.
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The second group of vibration modes involves (0,0) disk modes. In this group, axial translation
of the spindle and the (0,0) modes of each disk are couple together. Similarly, the coupled motion
split into N — 1 groups of ““balanced modes™ and one group of “‘unbalanced modes.” For (0,0)
unbalanced modes, all disks undergo the same axisymmetric deformation resulting in an
unbalanced inertia force that has to be compensated for by the axial motion of the disk/spindle
assembly. By the same token, (0,0) balanced modes have two adjacent disks vibrate entirely out of
phase axisymmetrically, while other disks are undeformed.

The third group of vibration modes is disk modes with two or more nodal diameters. For this
group of modes, rigid-body translation and rocking of the spindle does not affect disk vibration,
because these modes are self-balancing in inertia forces and moments. Response of those modes
can be determined through the classical vibration analysis of rotating disks. In other words, when
the spindle rotates at constant angular speed w3, the pair of (m, n) disk modes will split into two
modes with distinct frequencies w,,, + nw; for a ground-based observer.

When flexibility of housing/stator is present, the following qualitative predictions can be
obtained from the equations of motion (113) and (130). First, flexibility of the housing/stator will
not affect vibration of disk modes with two or more nodal diameters. They will split into two
modes with distinct frequencies w,,, +nws; for a ground-based observer. This can be supported by
Eq. (130), because Eq. (130) does not contain any parameters from the non-rotating part and
takes the same form as in Ref. [1]. Second, flexibility of housing/stator will not affect vibration of
balanced (0,0) and (0,1) modes. Physically, balanced modes result from self-balancing of inertia
forces and moments. Introduction of housing/stator flexibility does not destroy the self-balancing
nature of balanced modes; therefore, balanced modes will remain unaffected. Third, flexibility of
housing/stator will couple the (0,1) and (0,0) unbalanced modes through normal modes of the
housing/stator as shown in Eq. (113). Finally, base excitations (linear or angular) and external
forces acting on the stationary part will not excite balanced modes as well as disk modes with two
or more nodal diameters.

10. Experimental studies

Fig. 8 shows the experimental setup. The spindle has ball-bearing supports, and carries two
identical disks. The spin speed ranges from 0 to 7200 r.p.m. An automatic impact hammer [28]
excites the top disk, and a load cell at the tip of the hammer measures the input force. In the
meantime, a fiber-optics laser Doppler vibrometer (LDV) measures vibration of the top disk. The
force and velocity signals are fed into a spectrum analyzer, where frequency response functions
(FRF) are calculated. Finally, natural frequencies are extracted from the measured FRF.

Four different tests were conducted. The first test is a spindle level test as shown in Fig. 8. In
this test, the disk/spindle is mounted on a thick slab of stainless steel, which mimics a rigid
housing. In this case, the stationary part is the stator of the spindle motor. The second test is a
spindle/base test as shown in Fig. 9. In this case, the disks and spindle motor are mounted on a
flexible hard disk drive (HDD) housing, which is bolted to an isolation table. The stationary part
is the spindle motor stator plus the base plate. The third and fourth tests are system-level tests as
shown in Fig. 10. The system consists of the disks, spindle, base plate, and the top cover. For the
third test, the top of the spindle is not attached to the top cover (cf. Fig. 1). In this case, the
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Fig. 10. Experimental setup for ball-bearing spindle; spindle, base, and top.
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stationary part is the stator, base, and top without attachment. In the fourth test, the top of
the spindle is attached to the top cover via a screw (cf. Fig. 2). In this case, the stationary part is
the stator, base plate, and top cover with the stator and the top cover attached together.

These tests have two purposes. The first purpose is to verify the qualitative predictions that the
presence of housing/base flexibility does not affect natural frequencies of balanced modes and disk
modes with two or more nodal diameters. The second purpose is to compare the measured natural
frequencies with numerical predictions to verify the mathematical model. Moreover, comparison
of FRF from each test will indicate the effects of base plate, top cover, and top attachment,
respectively.

Fig. 11 compares the FRF from the first two tests. The thin line is the FRF of the spindle (with
disks), and the thick line is the FRF of the spindle mounted on the base plate. There are three
groups of vibration modes. Group I consists of (0,0) balanced mode, (0,1) balanced mode, and
(0,2) disk mode. Experimental results in Fig. 11 indicate that presence of the base plate does not
affect natural frequencies of these modes. This experimental measurement proves the qualitative
prediction that housing/stator flexibility does not affect free vibration of balanced modes and disk
modes with two or more nodal diameters. Group II is the (0,1) unbalanced modes in backward
and forward precession. The most important phenomenon is mode splitting when the spindle is
stationary. When the base plate is not present, the (0,1) forward and backward precessions have
the same natural frequency at 0 r.p.m. because the disk/spindle assembly is axisymmetric. When
the base plate is introduced, the base plate is rectangular and has different bending stiffness in its
two orthogonal principal directions. Therefore, the motor/base configuration no longer has the
axisymmetry. In this case, (0,1) forward and backward precession will have different natural
frequencies resulting in mode splitting phenomenon. Group III is the (0,0) unbalanced mode.
Note that the presence of base plate substantially reduces natural frequency of this mode, because
the base plate is soft in bending and allows axial deformation.

Fig. 12 compares the FRF from the second and third tests. The thin line is the FRF of spindle
motor with base plate, and the thick line is the FRF of spindle motor with base plate and

0,2)B
(02) (0,0U
(0.1)B
.18 (0,08 —8000
(0,0U
|- 7000
{6000 5
|-5000 Q
)
Q.
|-4000 O
©
< 3000 §
2 2
> 3
;’ 1000 — |-2000 ©
3 o
2 500 1000
= |
&
g o 0

AN
I f [ l [ T
300 400@ 600 700 80 900 1000 1100 1200

Frequency [Hz]

Fig. 11. Experimental results, spindle versus spindle/base; —, spindle only; —, spindle and base.
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Fig. 13. Experimental results, spindle/base/top, unattached versus attached; —, spindle, base, and the top cover
(unattached); —, spindle, base, and the top cover (attached).

top cover. There are, again, the same three groups of vibration modes. For group I modes,
the presence of top cover does not change their natural frequencies, which is in line with the
qualitative predictions. Also note that the presence of the top cover substantially reduces
the vibration amplitude of group 1 modes when the spindle is rotating. This might come from the
confined airflow inside the base plate, when the top cover is introduced. Second, the presence of
top cover does not significantly affect the mode splitting of (0,1) unbalanced modes. Third, the
presence of top cover increases the natural frequency of (0,0) unbalanced mode, because the top
cover contributes to axial stiffness of the system.

Finally, Fig. 13 compares FRF the third and fourth tests. The thin line and thick line represents
FRF of unattached and attached systems, respectively. There are three observations. First, the top
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attachment does not affect natural frequencies of balanced modes and disk modes with two or
more nodal diameters. Second, the top attachment significantly increases the natural frequencies
of (0,1) unbalanced modes. Third, the top attachment significantly reduces the amplitude of the
amplitude of (0,0) unbalanced mode. This is probably due to the enhanced damping from the
constrained layer damping treatment on the top cover.

11. Numerical simulations

The numerical simulation consists of two parts: finite element analysis (FEA) and Matlab
simulations. The purpose of the FEA is to calculate natural frequencies o7 and normalized mode
shapes W, (r) of the stationary part. The purpose of the Matlab simulations is to calculate
eigenvalues and eigenvectors of Eq. (131) to predict natural frequencies and mode shapes of (0,1)
and (0,0) unbalanced modes. The details of FEA and Matlab simulation are described as follows.

In the FEA, a mesh is first generated on the stationary part. The mesh has solid elements with
eight corner nodes, and each node has three degrees of translation and three degrees of rotation.
In addition, proper nodal displacements are set to zero to simulate the fixed-end boundary
condition in the test. During the FEA, the mode shapes W,(f) are normalized with respect to the
mass matrix. For the stationary parts used in this study (e.g., the HDD base and cover), 100-200
modes are often calculated.

Based on the mode shapes W,,(t) from FEA, the following three sets of data are calculated. The
first set of data is W, W), W. defined in Eqgs. (61)—(63). This is basically mode shapes evaluated at
each bearing, and can be obtained through the three translational nodal displacements from FEA.
The second set of data is o, and a,, defined in Egs. (64), (65), (39)—(41). Basically, this set of data is
the rotation (or slope) of the mode shapes evaluated at each bearing, and it can be obtained
through the three rotational nodal displacement from FEA. The third group of data is J,, and J;,
defined in Egs. (16) and (17).

The natural frequencies and mode shapes obtained from FEA are then used as input to the
Matlab program to form the matrices .#, ¢, and " defined in Egs. (132)(134). Solving the
eigenvalue problem associated with Eq. (131) then predicts natural frequencies and mode shapes
of the complete rotating disk/spindle system coupled with the stationary housing/stator.
Furthermore, the Matlab program calculates transfer functions according to Eqs. (135)—(137).

11.1. Natural frequencies

To demonstrate the accuracy of the mathematical model, let us consider the spindle used in
Figs. 8-10. Table 1 shows the properties of the rotating part of the spindle. For the disk portion of
Table 1, b and a are outer and inner radius of the disk, Il(’) and I§l) are transverse and polar
moment of inertia of each disk, m is the mass of the disk, and z; and z, are the location of the
disks relative to the centroid of the rotating part. For the hub portion of Table 1, n, is the mass of
the hub, and 1] and I are the transverse and polar moment of inertia of the hub with respect to
the centroid of the rotating part. Finally, z, and z, are the location of the two ball bearings
relative to the centroid of the rotating part. With the parameters in Table 1, the transverse and
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Table 1
Properties of the rotating part of the disk/spindle system used in experiments Figs. 3—5
Disk Hub Bearings
b 47.50 mm Z1 —0.288 mm Ilh 2.712 kg mm? Zq —7.22 mm
a 15.00 mm Z 2.682 mm Ig’ 4.268 kg mm? Zp 4.16 mm
Ii’) 13.575 kg mm? m 2.260x 1072 kg my, 2.507 x 1072 kg
il 27.150 kg mm?
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Fig. 14. Comparison of theoretical and experimental results, spindle only; —, theoretical predictions; o, experimental
measurements.

polar mass moments of inertia of the rotating part with respective to its centroid are I} =
30.77 kg mm? and I; = 59.62 kg mm?, respectively.

The two ball bearings are assumed identical and frictionless. Therefore, C, = 0. The stiffness
coefficients K; are obtained through bearing programs [29] as follows:

[ 2.16 x 107 0 0 0 ~3.47 x 10*]
0 2.16 x 107 0 3.47 x 10* 0
K, = 0 0 5.76 x 10 0 0 (138)
0 3.47 x 10* 0 58.5 0
| —3.47 x 10* 0 0 0 58.5

In Eq. (138), the unit is in the MKS system.

Fig. 14 compares the theoretical predictions from FEA and Matlab simulation with the
experimental measurement for the experimental setup in Fig. 8. The difference between the
prediction and experimental results on (0,1) unbalanced modes is about 5%, while other modes
are almost perfect match. The 5% difference is unavoidable, because bearing stiffness in Eq. (138)
is subjected to several sources of uncertainties. First, bearing components, such as inner race,
outer race, and balls, are subjected to manufacturing tolerance. The tolerance will cause variations
in the bearing contact angle and subsequently the bearing stiffness. Second, the bearings are glued
to the stationary and rotating parts through epoxy. The elasticity of epoxy will also affect the
bearing stiffness. Third, the bearing is pre-loaded at an elevated temperature to cure the epoxy.
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Therefore, the temperature will also affect the bearing stiffness. All things considered, 5%
difference is very insignificant.

Fig. 15 compares the theoretical predictions and the experimental measurements for the setup
in Fig. 9. The theoretical results do predict the mode splitting of (0,1) unbalanced modes at
0 r.p.m. Moreover, the difference between the prediction and experimental results on (0,1)
unbalanced modes is about 4%. Finally, Fig. 16 compares the theoretical predictions and the
experimental measurements for the setup in Fig. 10 with top attachment. The difference between
the prediction and experimental results on (0,1) unbalanced modes is about 3%. Also note that
the (0,1) and (0,0) unbalanced modes present a curve veering phenomenon [30] as the rotational
speed increases from 2000 to 3000 r.p.m.

11.2. Frequency response functions

The mathematical model can predict forced response of spindle systems in terms of frequency
response functions (FRF) and time response. Unfortunately, experimental verification for forced
response is very difficult. For ball-bearing spindles, bearing damping coefficients in C; are not
available from any existing theory. Moreover, ball bearings have small damping; therefore, a
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Fig. 15. Comparison of theoretical and experimental results, spindle and base; —, theoretical predictions; o,
experimental measurements.
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Fig. 16. Comparison of theoretical and experimental results; spindle, base, and top cover with attachment; —,
theoretical predictions; o, experimental measurements.
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slight uncertainty in bearing damping coefficients could lead to very different resonance
amplitudes in FRF. Also, it is very difficult to determine the damping coefficients experimentally,
because there are too many damping parameters in the C, matrix. Therefore, ball-bearing spindles
are not ideal for experimental verification. For spindles with hydrodynamic bearings (HDB), the
damping coefficients can, in fact, be predicted through use of Reynold’s equation. Also, the
damping coefficients are much larger than those of the disks, the housing/stator, and the
surrounding air. However, prototypes of HDB spindles and their exact parameters are not
available at this moment.

Because of the reasons above, this paper will only demonstrate simulated FRF of a virtual
spindle with hydrodynamic bearings as follows. The virtual spindle system is identical to the ball-
bearing spindle used in the experimental verification, except the bearings are hydrodynamic.
Therefore, the stationary part remains the same as in Figs. 8-10. Also, the rotating part has the
same parameters as listed in Table 1 except for the bearing locations.

The virtual spindle system has two radial HDB and one thrust HDB. The bearing location and
bearing type are listed in Table 2. For radial bearing 4, the stiffness matrix has non-zero elements
Kp4(1,1) = Kp 4(2,2) = 3010.7w3 and Kj 4(1,2) = —Kp 4(2,1) = 3196.4w3. Also, the damping
matrix has non-zero element Cp 4(1,1) = Cp 4(2,2) = 65200. For radial bearing B, the stiffness
matrix has non-zero elements K p(1,1) = K; p(2,2) = 16844w3 and K, p(1,2) = —K,5(2,1) =
34086w;3. Also, the damping matrix has non-zero element C,p(1,1) = Cp 5(2,2) = 69400. For
thrust bearing C, the stiffness matrix has non-zero elements Kj ¢(3,3) = 499390, K, ¢(4,4) =
K. c(5,5) = 0.0015w3, and Kj (4, 5) = =K, (5,4) = 0.000814ws3. Also, the damping matrix has
non-zero elements Cp (3,3) = 938.199 and Cj(4,4) = Cp(5,5) = 0.00188. These non-zero
stiffness and damping coefficients are in MKS, and w3 is in rad/s.

Since the numerical simulations can consist of various parameter combinations, only the most
representative simulated results are illustrated here. Let the X- and Y-axis be along the short and
long sides of the stationary part, respectively (e.g., Fig. 9). The excitation conditions are
prescribed linear or angular accelerations §,(¢) and 7,(¢), which are known through operational
tests in the industry. The output location, whose vibration is of interest, is at the top disk with
co-ordinates (xg, yo) = (0.045,0) m. The output displacement component is the radial component
(i.e., X-component in this case) in the shaker frame. The spin speed is 3000 r.p.m.

Fig. 17 compares FRF of the spindle for three different configurations: spindle motor only,
spindle with base and top cover (without top attachment), and spindle with base and top cover
(with top attachment). The input excitation is linear acceleration §.(f). When only the spindle
motor is present (i.e., the solid line in Fig. 17), the resonance peaks near 500 Hz correspond to the
first pair of (0,1) unbalanced modes. The resonance peaks between 1500 and 2000 Hz correspond

Table 2

Bearing information for the virtual spindle

Bearing Bearing Location

number type from centroid (mm)
A Radial -7.22

B Radial 4.16

C Thrust 7.81
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Fig. 17. FRF of the virtual spindle subjected to a linear excitation s,; (0,1) unbalanced modes; (a) FRF in linear scale,
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to the second pair of (0,1) unbalanced modes. When the base and top cover are introduced
without attachment (i.e., the dash line labeled BCU in Fig. 17), the flexibility of the stationary part
reduces the natural frequencies and increases the resonance amplitudes of (0,1) unbalanced
modes. Finally, when the top attachment is added (i.e., the dash-dot line in Fig. 17), the overall
FRF amplitude is substantially reduced as indicated in the log-scale plot. Nevertheless, there is a
sharp resonance peak at 2000 Hz resulting from a base vibration mode, which has a strong
bending motion of the stationary part in the Y (or longitudinal) direction. Because the bearings
are hydrodynamic, the bearings respond with a secondary force in the X direction, which is
characterized by the off-diagonal terms in the stiffness matrices K; 4 and K; 3. The secondary
force subsequently excites the rotating disks and spindle causing significant displacement in the X
direction. Fig. 18 zooms in the FRF of Fig. 17 from 0 to 40 Hz. The resonance peak near 25 Hz is
the half-speed whirls (HSW). The resonance peak near 2.5 Hz is an axial base mode weakly
coupled with the spindle through the thrust bearing. Note that the presence of the top attachment
substantially reduces the half-speed whirl.

Fig. 19 compares the FRF of the same three configurations, except that the excitation is the
angular acceleration 7). This excitation simulates environments experienced by laptop computers
and network storage devices. As opposed to the results in Fig. 17, the angular excitation tends to
excite the first pair of (0,1) unbalanced modes much more than the second pair of (0,1) unbalanced
modes. Mathematically, this phenomenon can be traced back to Eq. (137). For linear excitations,
Gp and Hp are zero matrices. For angular excitations, Gg and Hp are not zero. Therefore, the
presence of non-zero G and Hp amplifies the response at low-frequency range resulting in larger
response for the first pair of (0,1) unbalanced modes.
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12. Conclusions

1. Linearized equations of motion governing vibration of rotating disk/spindle systems mounted
on flexible housing/stator assembly are derived through use of Lagrange equation.

2. Flexibility of housing/stator will not affect vibration of disk modes with two or more nodal
diameters.

3. Flexibility of housing/stator will not affect vibration of the balanced (0,0) and (0,1) modes.

4. Flexibility of housing/stator will couple the (0,1) and (0,0) unbalanced modes through normal
modes of the housing/stator assembly.

5. Base excitations (linear or angular) and external forces acting on the stationary part will not
excite balanced modes as well as disk modes with two or more nodal diameters.

6. The mathematical model can predict natural frequencies accurately within 5% of error for
ball-bearing spindles.

7. The presence of flexible base and top cover without attachment could reduce natural
frequencies and increase the resonance amplitude of (0,1) unbalanced modes.

8. The presence of top attachment substantially reduces the amplitude of (0,1) unbalanced
modes and half-speed whirls. Nevertheless, the flexibility of the stationary part could induce
larger vibration of a rotating disk/spindle system at other frequencies.

9. Linear base motion tends to excite all (0,1) unbalanced modes equally. In contrast, angular
base motion tends to excite the first pair of (0,1) unbalanced modes preferentially.
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